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     The convective boiling in micro tubes of 0.19, 0.3 and 0.51mm ID was investigated with relatively small wall heat fluxes and
mass flow rates. In this experiment, we have found some peculiar superheat phenomenon, which deteriorates the heat transfer
coefficient. The region of the onset of superheat is plotted in the flow map. The heat transfer coefficient distributions in the
saturated boiling region without superheat are measured and found different from those in traditional and small-size tubes. The
associated pressure loss becomes larger as the inner diameter is decreased in accordance with the existing empirical correlations.

1. Introduction
    Micro heatpipes or microchannels are regarded as promising
heat exchange devices in modern miniaturized applications such

as electronic equipment cooling. In the last decade, intensive re-
search effort was made in this field [1], [2]. Compared to con-
vective boiling in tubes of traditional (> 3 mm) or small size (0.6
mm~ 3 mm, according to the definition by Kandlikar [2]), the
heat transfer characteristics are much different with peculiar liq-
uid superheat phenomena discovered [3].
    Paitoonsurikarn et al. [4] proposed a new optimal design
method for the compact heat exchangers of micro bare tubes with-
out conventional extended surfaces. The efficiency is drastically
improved over commercial louver-finned heat exchangers. In their
optimal design procedure, however, they use empirical correla-
tions of convective boiling in larger tubes (> 2 mm) for estimat-
ing the heat transfer coefficient and the pressure loss in smaller
diameter tubes. Moreover, they do not take into account the on-
set of liquid superheat phenomena. The above treatments may
introduce large error in the optimal design.
    Convective boiling experiments in traditional tubes have been
carried out over several decades. According to these results, the
heat transfer coefficient is known to be mainly affected by vapor
quality, mass flux, heat flux, tube inner diameter and working
fluid. Recently, the convective boiling experiments in tubes of
smaller ID from 1.95 to 4 mm were carried out [5]. Unlike the
results in traditional-size tubes, the heat transfer coefficient is
very weakly dependent on mass flux and vapor quality.
    Until now, the convective boiling heat transfer in microtubes
of inner diameter less than 1mm still remains unclear. Little re-
search work is available, except Ravigururajan [6]. In his re-
search, the heat transfer coefficient decreases with increasing the
vapor quality and the wall superheat. Since these phenomena are
completely different from those observed in traditional tubes,
they need to be further examined.
     In view of a lack of knowledge on optimal design method of
micro bare-tube evaporators and for observing the unusual heat
transfer and pressure loss characteristics in microtubes, the present
work is undertaken with the objectives: (1) to clarify the param-
eters responsible for the onset of liquid superheat, which dete-
riorates the heat transfer, and (2) to investigate the heat transfer
and pressure loss of convective boiling in microtubes. To do this,
we carried out a series of experiments on saturated convective
boiling in microtubes of 0.19, 0.3 and 0.51 mm ID at low heat
(1~13 kW/m2) and mass (50~300 kg/m2s) fluxes.

Nomenclature
Bo: boiling number, Bo=q’’/hlvG
Cp: specific heat [J/kg K]
f :  friction factor
Do: outer tube diameter [m]
Di: inner tube diameter [m]

m
• : mass flux [kg/m2 s]

hloss: heat loss coefficient [W/m2 K]
hlv: latent heat [J/kg]
hsat : saturated boiling heat transfer coefficient [W/m2 K]
I: electric current through the test section [A]
l: subcooled length [m]
L: total test section length [m]

M
•  : mass flow rate [kg/s]

Pavg: test section average pressure [kPa]

Pin: test section inlet pressure [Pa]

Pout: test section outlet pressure [Pa]

Psat: pressure when the subcooled liquid reaches the saturated
temperature [Pa]
∆Psub: Pressure loss of the subcooled region [Pa]
∆Psup: Pressure loss of the superheated region [Pa]
∆Ptotal: Total pressure loss of the test section [Pa]
q’’: Heat flux [W/m2]
q’’loss: Heat loss [W/m2]
R: electric resistance [W]
r: radial coordinate
s: axial position in the saturated region
Tair: environment temperature [OC]
Tref : refrigerant temperature [OC]
Twout: outer wall temperature [OC]
Twin: inner wall temperature [OC]
x: axial coordinate [m]
χ: vapor quality
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2. Experimental apparatus and procedure
    The experimental loop is shown in Figure 1. HCFC123 and
FC72 were employed as working fluids. A twin plunge pump
(Moleh, MT-2221) was employed to provide constant mass fluxes
from 50 to 300 kg/m2s in most of the experiments carried out.
Unlike a single plunge pump, the twin plunge pump can provide
a stable volume flow rate and minimize unwanted bubbles in the
working fluid. The uncertainty of the flow rate is within +2%.
The inlet fluid temperature was kept constant in the inlet mani-
fold with a secondary water loop and at 10 OC below the satu-
rated temperature. The mass flux was determined by the volume
flow rate of the pump.
    Figure 2 shows the test section of 28+0.5 cm in length. Three
different SUS304 stainless steel tubes, having inner/outer diam-
eters of 0.19/0.41, 0.3/0.55, 0.51/0.81 mm, respectively, were
employed as a test section. Twelve K-type thermocouples of 25
µm OD were glued onto the outer tube wall with highly conduc-
tive silicon. One K-type thermocouple was inserted into the inlet
manifold in order to measure the inlet fluid temperature. Cold
junctions of the thermocouples were submerged into an icebox.
All thermocouples were calibrated with an accuracy of +0.1 K.
    In the case of 0.3 mm ID tube experiment, however, we em-
ployed a syringe pump and thermocouples with an accuracy of
+0.2 K. Periodic flow (duration 150~600 s) driven by the sy-
ringe pump made the heat transfer somewhat unstable in the ex-
periments. Thus, we will use these data complementarily in this
paper.
    The pressure loss was measured by a diaphragm pressure trans-
ducer through pressure ports at the inlet and outlet of the test
section. The accuracy of the pressure transducer is within +0.1kPa.
    In order to examine the accuracy of the pressure measurement
and the tube diameter, a single-phase flow experiment was car-
ried out. As shown in Fig. 3, the friction factors measured are in
good agreement with the theoretical relation for laminar Poiseuille
flows.
    The test section was heated by a DC current and covered with
glass cotton to reduce the heat loss to the environment. The heat
loss was compensated with the procedure described later.
    We define a steady state in such a way that the pressure varia-
tion falls below +0.1kPa in the case of 0.19mm ID and +0.5kPa
in the case of 0.51mm ID, respectively. It usually takes one hour
to reach this state during each run.
3. Data reduction
    The heat transferred to the fluid q'' is calculated as:

2'' ''lossiq I R D L qπ= − .                                (1)

The heat loss to the environment q’’loss is assumed to be as a

function of the wall temperature Twout and the environmental tem-

perature Tair,

( )'' wout airloss lossq h T T= − ,                             (2)

where hloss is determined by a preliminary heat transfer experi-
ment without the working fluid inside the tube.

    The inner wall temperature Twin is calculated by solving the
one-dimensional heat conduction equation with the boundary
conditions,
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at the outer surface of the tube. After onset of the saturated boil-

ing, the working fluid temperature, Tref is assumed to be at the
saturated temperature, which depends on the local pressure varia-
tion described later. The heat transfer coefficient is then calcu-
lated as:

''
sat

win ref

qh
T T

=
− .                                 (5)

    Since the fluid is heated from subcooled liquid to superheated
vapor in the test section, the total pressure loss ∆Ptotal can be
written as:
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                               Fig. 1 Experimental loop.                                    Fig. 2 Test section.

                Fig. 3 Friction factor in single phase laminar flow.
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sat suptotal subP P P P∆ = ∆ + ∆ + ∆ ,                    (6)

where ∆Psub , ∆Psat , and ∆Psup are the pressure losses in the
subcooled liquid, saturated boiling, and superheated vapor re-

gions, respectively. The length of the subcooled region l and the
pressure loss are determined by solving iteratively the following
equations:

21
2sub

lP f U
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ρ∆ = ,                                      (7)
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Equation (7) is the laminar flow pressure loss, while Eq. (9) rep-

resents the energy balance. The saturated temperature Tsat is de-

termined by a known relationship between Tsat and Psat .
    The average vapor quality χ in the saturated region is calcu-
lated from the balance of heat transfer and the latent heat as:
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2l s

wout oairloss
l

lv
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π
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∫

.          (10)

The length of the saturated region s is determined from the above
integration in such a way that χ = 1.
    The pressure loss ∆Psup in the superheat region (s+ l < x < L)
is determined by the laminar flow solution, where the physical
properties are determined by the iterative calculation of pressure

loss and temperature distribution.  The local pressure Plocal  is

assumed to be linearly distributed in the saturated boiling re-
gion, and given by

( )sat sat out suplocal
x lP P P P P

s
− = − − + ∆                 (11)

4. Experimental results
4.1 Wall temperature
    When the pressure loss of the test section reaches the steady
state described in Chapter 2, the wall temperature shows some
time history, i.e. sine-wave-like temperature variation of a 20
seconds period and the amplitude of 0.3K in 0.19mm ID and
0.8K in 0.51mm ID, respectively. Such temperature variation may
be due to the bubble generation inside the tube. The wall tem-
perature distribution is obtained from the average of the tem-
perature history over 30 minutes.
    The wall temperature distribution in the 0.19mm ID tube at

m
• =145kg/m2s is shown in Fig. 4. When q''=5.46 kW/m2, the

wall temperature measured is in accordance with the saturated
temperature between x=0.04m and 0.20m. Thus, saturated boil-
ing should occur in this region. On the other hand, the wall tem-
perature for the smaller heat flux (q''=2.61 kW/m2) monotoni-

cally increases with the axial distance, and reaches 110OC at
x =0.27 m. This is due to the superheat liquid phenomena [7],
which is observed in very small diameter tubes.  Figure 5 shows
the temperature distribution in the 0.51mm ID tube. When
q''=2.82kW/m2, the wall temperature increases with x and re-
duces a maximum value of 45OC at x=0.15 m. Since the tempera-
ture drops to the saturated temperature further downstream, the
superheat liquid phase should exist between x=0.05 and 0.15 m.
On the other hand, normal saturated boiling is observed for a
higher heat flux of q''=12.6 kW/m2.

       Fig. 4  Axial wall temperature distribution in 0.19mm ID.

      Fig. 5  Axial wall temperature distribution in 0.51mm ID.

Fig. 6  Axial wall temperature distribution under superheat liquid con-
dition in 0.51 and 0.19 mm ID.
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    Figure 6 shows the wall temperature distribution under the
superheat conditions in Figs. 4 and 5. Open symbols represent
the fluid temperature estimated using the heat flux and heat ca-
pacity of the saturated liquid. For the 0.51mm ID tube, the tem-

perature difference ∆T (=Twin-Tref ) between the wall and the

fluid is constant, and the Nusselt number defined with ∆T is in
good agreement with its laminar flow value of 4.364.  On the
other hand, the fluid temperature is overestimated for the 0.19mm
ID tube, and ∆T becomes negative. The reason is unclear at this
moment, but it may due to the unknown density and heat capac-
ity of the superheated liquid.
    Although it is not shown here, the pressure drop of the super-
heat condition is in good agreement with the estimates based on
the laminar single-phase flow assumption.
4.2 Onset of superheat phenomena4.2 Onset of superheat phenomena4.2 Onset of superheat phenomena4.2 Onset of superheat phenomena4.2 Onset of superheat phenomena
    Figure 7 shows the condition map for the onset of superheat
phenomena as a function of boiling number and mass flux for
three inner diameters of microtubes. The onset of the superheat
is limited to a region of low Bo and low mass flux and seems to
be independent of the tube inner diameter. In Fig. 8, the region is
plotted for two different refrigerants of FC72 and HCFC123.
The superheat region is almost the same with those in Fig. 7 and
also independent of refrigerants.
    Figure 9 shows the superheat temperature for different tube

diameters and various heat and mass fluxes. Although the super-
heat temperature varies in a wide range, its maximum value is
100OC and 45OC for 0.19mm and 0.51 mm ID tubes, respec-
tively.  Thus, the maximum superheat temperature is decreased
with increasing the tube diameter as reported by Brereton et al.
[7].
4.3 Heat transfer coefficients
    The heat transfer coefficient without superheat is investigated.
Typical distributions of the heat transfer coefficient and the va-
por quality in microtubes/microchannels are shown in Fig. 10.
The heat transfer coefficient decreases from 8000 W/m2K to 4000
W/m2K with increasing the vapor quality until it reaches 0.3,
then  remains constant at 4000 W/m2K until the vapor quality
reaches 1. Such heat transfer coefficient distributions are com-
pletely different from those in small or traditional-size tubes where
the heat transfer coefficient increases with increasing the vapor
quality because of the convective boiling effect [8].
    Ravigururajan [6], however, also found similar results in his
experiments of  microchannel evporators with 425µm hydraulic
diameter with similar mass fluxes; one of his results is plotted in
Fig. 10. The heat transfer coefficient distributions are similar.
Since most of the experimental parameters (including channel
shape and length,  heat flux , etc.) are different  except inner
diameter of the channel in these two experiments,  we can con-
clude that these unusual heat transfer coefficient distributions
are due to the micro-scale geometry of the tube/channel.

         Fig. 7 Onset of liquid superheat for different inner diameters.

        Fig. 8  Onset of liquid superheat for different refrigerants.

            Fig. 9 Superheat temperature versus inner diameter.
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    The relations of heat transfer coefficient and quality under dif-
ferent heat , mass fluxes and average pressure in the test section
are shown in Figs. 11, 12 and 13. As described above, all the heat
transfer coefficients decrease with increasing the vapor quality
until the vapor quality reaches about 0.3. The heat transfer coef-
ficient also decreases with increasing the heat flux, but it remains
independent of the heat flux when the heat flux is larger than
10kW/m2. This phenomenon is different from that in traditional
or small-size tubes, in which the heat transfer coefficient increases

with increasing the heat flux, but again coincides with the ex-
perimental results by Ravigururajan [6].
    The measured heat transfer coefficients have been compared
with the existing empirical correlations designed for traditional
or small-size tubes. As a result, it is found that most empirical
correlations underpredict/overpredict our experimental data
(more than an order), except the Chen’s correlation [9], which
can only roughly predict our results as shown in Fig. 14. More
than 50% of the experimental data falls within the +40% range
of the empirical prediction.
    It is also found that the nucleate boiling term of some empiri-
cal correlations can roughly predict our results, e.g., Kandlikar’s
empirical correlation [10] and Liu and Winterton’s correlation
[11]. As an example, the comparison of the experimental results
and the nucleate boiling term of Kandlikar’s correlation is shown
in Fig. 15. From this comparison, we can learn that the nucleate
boiling term of the empirical equation can predict the experi-
mental results more precisely in 0.19mm ID than in 0.51mm ID.
From this fact, we can conclude that when the inner diameter of
the microtube decreases, the effect of the convective boiling de-
creases and the nucleate boiling effect becomes dominant gradu-
ally.

Fig. 12  Dependence of heat transfer coefficient on quality with differ-
ent heat flux.

Fig. 13 Dependence of heat transfer coefficient on quality with  differ-
ent mass and heat flux.

Fig. 11 Dependence of heat transfer coefficient on quality with differ-
ent heat flux.
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Fig. 15  Heat transfer coefficients on tube diameter and their compari-
son with the nucleate term of Kandlikar’s empirical correlation.
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4.4 Pressure losses
   Figure 16 shows the relationship between the pressure loss and
the mass flux when the exit quality is maintained at 1. It is found
that the larger mass flux causes larger pressure loss.  Figure 17
shows the relationship between the exit vapor quality and the
pressure loss in the 0.51mm ID tube. Different from the heat
transfer coefficient, the pressure loss distribution is similar to
that in traditional or small size tubes [12]. We also compared the
measured pressure loss to the empirical functions designed for
small tubes of 2.46 and 2.92mm ID [12]. It is found that the
trend of our experimental results is similar to these empirical
correlations, but the value is much lower. The difference between
them becomes larger when the inner diameter and the mass flux
becomes larger.
5. Conclusions
1.   High degree superheat phenomena, which had seldom been
discovered in convective boiling of the traditional or small-size
tubes, were observed in this experiment. This superheat phenom-
ena  deteriorate the heat transfer coefficient of microtubes under
the low heat and mass flux conditions.
2.   The superheat condition is given as a region map, which
seems to be independent of the inner diameter and different kinds
of freon-type fluids, while the maximum superheat temperature
decreases with increasing the inner diameter of the microtube.

3.   The heat transfer coefficient and pressure loss characteristics
without superheat were investigated. The former differs from
those in traditional or small-size tubes, but the latter exihibits the
similar trend. The local heat transfer coefficient first decreases
and then becomes almost constant with increasing the vapor qual-
ity. This constant remains almost the same when the heat flux
increases beyond some threshold value.
4.   Most of the current empirical correlations can not predict our
results except the Chen’s correlation. Some of the nucleate boil-
ing terms of the current empirical correlations can very roughly
predict our results. This means that the nucleate boiling effect
dominates in heat transfer in microtubes. The empirical pressure
loss correlations, however, have the same trend as the experi-
mental results, but give somewhat higher values.
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                   Fig. 16  Pressure loss versus mass flux when c=1.

          Fig. 17  Pressure loss versus vapor quality in 0.51mm ID.
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